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Abstract
One of the main concerns automotive manufacturers nowadays is fuel efficiency.
This is brought about either by consumer demands or by government imposed taxa-
tion. Despite this, the expectation of consumers is of ever-increasing power. One of
the ways automotive manufacturers have found to comply with these demands is to
increase efficiency throughout vehicles.
Amongst the several components that can be improved are the power train com-
ponents and, in particular, the final drive. This component serves two main purposes,
providing a final overall reduction ratio to the drivetrain and allowing both wheels
of an axle to turn with different rotational speeds while being connected to the driv-
etrain. The final drive, or differential, is normally comprised of, for rear-wheel driven
vehicles, a hypoid gear pair and two pairs of bevel gears housed in a planet carrier.
An increased efficiency is obtained by reducing power losses when the final drive is
in operation. Power losses in differentials, and gearboxes in general, can be divided in
load-dependent losses and load-independent, or no-load, losses. The objective of this
work is to better understand how the latter are influenced by operating conditions in
a differential.
No-load losses are heavily influenced by a number of factors such as lubricant vis-
cosity and density, gear and housing geometry, and operating speed. In order to test
the impact of viscosity, density and formulation five fully formulated oils were used
in a series of torque loss tests. Using a real differential from a light passenger vehicle
the tests simulated actual operating conditions by imposing speeds and temperatures
similar to those found in light passenger vehicles.
A no-load load power loss model was also developed from various models already
available. With it the several components of power loss were calculated, such as roller
bearings and shaft seals power loss, and the churning and auxiliary power losses were
estimated. A comparison between the model results and the experimental results was
also made.
xix

Resumo
Uma das principais preocupações, hoje em dia, da indústria automóvel é o con-
sumo de combustível. Isto deve-se ora pelas exigências por parte dos consumidores
ora por impostos por parte dos governos. Independentemente, as expectativas dos
consumidores continuam a ser de potências cada vez maiores. Uma das maneiras que
os fabricantes de automóveis encontraram para dar resposta a estas expectativas é
aumentar a eficiência dos automóveis.
Entre os vários componentes que podem ser melhorados encontram-se os elementos
da transmissão, em particular, o diferencial. Este componente serve dois propósitos
principais: providencia uma relação de redução final na cadeia de transmissão e
permite que as duas rodas de um eixo tenham velocidade de rotação diferente entre
elas estando, mesmo assim, ligadas à cadeia de transmissão. O diferencial é nor-
malmente composto, num veículo de tracção traseira, por um par de engrenagens
hipoides e dois pares de engrenagens cónicas alojadas num porta-planetas.
Um aumento de eficiência é obtido reduzindo as perdas de potêntia quando o difer-
encial está em funcionamento. As perdas de potência em diferenciais, e nas caixas de
velocidades em geral, podem ser divididas em perdas dependentes da carga e perdas
independentes da carga. O objectivo deste trabalho é melhor compreender como as
últimas são influenciadas pelas condições de funcionamento num diferencial.
As perdas independentes da carga são pesadamente influenciadas por uma série
de factores, tais como a viscosidade e massa volúmica do lubrificante, a geometria
das engrenagens e do diferencial, e a velocidade de funcionamento. Para poder testar
o impacto da viscosidade, massa volúmica e formulação, cinco óleos foram utiliza-
dos numa série de testes de perdas de binário. Utilizando um diferencial real de um
veículo ligeiro de passageiros, os testes simularam condições de funcionamento reais,
impondo velocidades e temperaturas semelhantes às que se encontram num veículo
ligeiro de passageiros.
Um modelo numérico de perdas de potência independente da carga também foi
desenvolvido a partir de vários modelos pré-existentes. Desta forma, várias compon-
entes da perda de potência independente da carga, rolamentos e vedantes, foram cal-
culadas e as perdas por chapinagem foram estimadas. Por último, foi ainda feita uma
comparação entre os resultados experimentais e os resultados do modelo numérico.
xxi

1. Introduction
In today's world the automotive industry is hard pressed, by governments and
consumers alike, to reduce emissions produced by their vehicles and to increase fuel
economy. This, however, is counterpointed by consumer's expectations of ever in-
creasing power and performances [1]. The only way to simultaneously comply with
these demands is by increasing the overall efficiency of vehicles.
Figure 1.1.: Evolution of average engine power in light motor vehicles sold in Europe
from 2001 to 2015 [1].
There are many ways, as can be seen by Fig. 1.2, a vehicle wastes power and thus
reduces its efficiency. In the engine, for example, the quality and completion of the
combustion of the air-fuel mixture is a parameter that has a profound impact in fuel
consumption. The power lost due to air drag is also a significant part in the ineffi-
ciency of a vehicle, especially in heavy-duty trucks with their large and generally flat
surfaces. For that reason improvements in the aerodynamic profile of vehicles have
also been in the sights of car manufacturers [2, 3].
A vehicle's power train is another very important source of inefficiency, and an
essential part of it common to all modern cars is the final drive or differential. The
various types of differentials will be discussed later on, however, all types serve two
main purposes: firstly they allow the driving wheels to rotate at different speeds when
a vehicle is cornering while providing the same torque to both wheels, although this
is true only in an open differential. Secondly, they give a final reduction after the
gearbox which allows it to be smaller because, as the reduction is applied regardless
of the gear in use, the reduction ratios in the gearbox are also smaller which in turn
allows, for the same load, for smaller gears [4].
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Engine Losses: 68% - 72%
Parasitic Losses: 4% - 6%
Drive train Losses: 5% - 6%
Rolling resistance: 5% - 7%
Wind resistance: 9% - 12%
Braking: 5% - 7%
Figure 1.2.: Combined City/Highway power losses for a mid-sized gasoline passenger
car.[5]
The losses in final drives are dependent on many factors. Amongst them are the
physical and chemical properties of the oil used, the operating conditions, such as
temperature, speed, and load, the bearings and shaft seals, the gears, and the design
of the case. All of these parameters have some influence on the overall loss of power of
the differential, even if in the case of the shaft seals that influence is almost negligible
when compared to the others [6]. According to Höhn et al. [6] the power loss in a
gearbox can be considered a sum as given by equation 3.0.1:
power loss︷︸︸︷
PV =
gears︷ ︸︸ ︷
PV Z0︸ ︷︷ ︸
L.I.
+PV ZP︸ ︷︷ ︸
L.D.
+
bearings︷ ︸︸ ︷
PV L︸︷︷︸
L.I.+L.D.
+
seals︷︸︸︷
PV D︸︷︷︸
L.I.
+
auxilliary︷︸︸︷
PV X︸︷︷︸
L.I.
(1.0.1)
Where L.I. refers to load independent losses and L.D. to load dependent losses.
Being able to estimate these losses at an early design stage allows for more efficient
designs to be finished in a smaller amount of time and reduces development costs by
reducing the amount of tests needed and pre-production prototypes that have to be
manufactured.
The scope of this work is to evaluate the load independent losses of a differential
when lubricated with five different axle gear oils. For that effect several methods
will be presented and used to calculate the losses related to the bearings and the
seals, as well as several models to estimate churning losses of the gears. Due to the
fact that churning depends heavily on the lubricant physical properties, operating
conditions and the actual design of the differential it becomes very difficult to model
this phenomenon. It will be shown that due to its complexity, the fact that churning
loss models do not take into account many important factors and produce a great
disparity between them when supplied with the same entry values, presently the only
way to accurately obtain churning loss values is by experimental observation and
measurement.
2
For this study five fully formulated axle gear oils, three which are commercially
available and the remaining are candidate oils, are going to be used. Their physical
and chemical properties have been fully studied by Hammami et al. [2] and their
results will be reported and used later on.
3

2. Final drive
In this the chapter the actual differential tested is going to be analysed and also
some background on final drive differential gears and their characteristics is provided.
2.1. Final drive differential gear
2.1.1. The need for a final drive gear
The final drive gear is a permanent reduction in the power train of motor vehicles.
There are two main reasons for the necessity of the final drive gear: firstly should
the engine and gearbox be mounted so that its axles are not parallel with the driving
wheel's axle there is an obvious necessity to rotate, typically 90◦, the axle where
torque is supplied. This is normally achieved by using a bevel or hypoid gear pair.
The second reason is to give a permanent gear reduction between the gearbox and
the wheels. This reduction, which is independent of the gear ratio selected by driver,
allows the reduction ratios in the gearbox to be smaller, which in turn allows for a
smaller gearbox [2]. By using this final reduction sufficient torque is guaranteed to
be supplied to the wheels even when using a direct gear, and low engine speed [7].
2.1.2. Types of final drive gears
Final drive gears can be, depending on the disposition of the engine and whether
the vehicle is front-wheel drive or rear-wheel drive, directly or indirectly driven. All-
wheel drive vehicles are necessarily either both types or just indirectly driven.
Directly driven final drives exist when the engine is in the same end of a vehicle as
the driving wheels. As is the case of a car with front mounted engine and front-wheel
drive. Indirectly driven final drives are used in the opposite case and make use of a
propeller shaft to transmit the torque from the gearbox to the final drive. The most
common examples of this are cars with front mounted engines and rear wheel drive.
Due to today's popularity of vehicle's with front mounted transverse engines and
front-wheel drive final drives are made using spur helical gears. This designs have
the advantages of being very compact, more efficient, easier to lubricate and have a
lower production cost than bevel gears [3].
Final drive gear's axles, in vehicles with engines mounted longitudinally, are nor-
mally at right angles with the wheel's axle. In most applications this results in the
usage of a type of bevel gear pair. The larger gear is usually called the crown wheel
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whereas the smaller is the pinion. For some special applications worm gears are used
[7].
The typical values for the reduction ratio of final drive gears are [3]:
• Spur gears ≈ 3.0− 5.5;
• Bevel/Hypoid gears ≈ 2.5− 5.0;
• Worm gears ≥ 5.0.
Figure 2.1.: Some of the different types of power train arrangement in vehicles. a)
Longitudinal front mounted engine with forward wheel drive; b) Trans-
verse front mounted engine with forward wheel drive; c) Longitudinal
front mounted engine with rear wheel drive.
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Straight bevel gears
Bevel gears are similar in shape to a conical frustum. This geometry is created if
one unites the consecutive pitch circles along the direction of the axle. In straight
bevel gears, and spiral gears as well, both the crown wheel's and the pinion's conical
frustum converge to the same point, which coincides with the imaginary intersection
of the center line of the axles. Because of this straight bevel gears can only be used
when the respective crown and pinion axles are in the same plane. The tooth profile
is normally of the involute type. They are not normally used as final drive gears
because, as with straight spur gears, the contact is made along a single line and all
at once and thus does not allow for smooth and silent running at the high speeds
involved in a vehicle's final gear drive. Another reason they are normally not selected
is the restriction that the axles have to be in the same plane which makes for either:
less ground clearance, less room inside the vehicle or forces the vehicle to be generally
higher which raises it's center of gravity. They are, however, used as the differential's
sun and planet gears as will be seen further ahead [3, 7, 8].
Helical bevel gears
The relationship between straight bevel gears and helical bevel gears is similar
to the one between straight spur gears and helical spur gears. They are similar to
straight bevel gears in that it is also required that both axles are in the same plane
but, because their teeth form a spiral, the contact is made gradually along a tooth
and not all at once, this combined with the fact that at all times there is always more
than one pair of teeth meshed, allows for silent and smooth operation. Also because
the teeth are in spiral the area of contact of the meshed teeth is larger, which in turn
allows for higher loads to be supported by helical gears than by equivalent straight
bevel gears [3, 7, 8].
Hypoid bevel gears
The name hypoid comes from the basic surface, not a cone, from which the teeth
are cut, a hyperboloid of revolution. A hyperboloid is formed by rotating a hyperbola
around an axis so as to maintain each point of the hyperbola at a constant distance
from the axis. The teeth have a hyperbolic shape and the contact between the flanks
is a point contact thus creating an ellipsoidal contact surface. Hypoid bevel gears are
similar to helical bevel gears but the axles are not in the same plane. The center lines
of the axles are offset, in this particular application the pinion is bellow the crown
wheel, which allows for a lowering of the pinion gear axle which in turn allows for
not only more room in the vehicle and a less intrusive propeller shaft but a general
lowering of all parts of the vehicle's power train which, in turn, lowers the vehicle's
center of gravity [7, 9].
Another advantage of hypoid gears is an increased mechanical resistance. Because
of the offset between the axles the pinion has a larger diameter than that of the
corresponding helical bevel gear pair. This allows for a greater resistance for the
same reduction ratio which in turn allows for either greater loads for the same size or
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smaller gears for the same load. The angle of the spiral is also greater thus making
the teeth longer and therefore stronger. These gears produce low levels of noise and
vibration, so much so that they were, before being of widespread use in the auto-
mobile industry, reserved for use in luxury vehicles [7, 9].
The shape of the pinion, due to the fact that it is in an offset position, introduces,
besides the normal sliding action along the tooth profile present in other gears, a
sliding action along the length of the tooth. This generates additional heat, that
needs to be evacuated, and requires these type of gears to be lubricated with spe-
cial hypoid oils with extreme-pressure, anti-wear and anti-friction additives [3, 7, 8, 9].
2.1.3. The need for a final drive differential gear
In 2.1.1 it was explained the need for a final drive however, that final drive cannot
be rigidly connected by an axle to the wheels.
If we suppose that a turn being described by a vehicle is a perfect circle of mean
radius Rmed, as shown in figure 2.2, which represents the radius described by the
vehicle's center line, then we can establish that the relationship between Rmed, the
radius described by the wheel on the outside of the curve, Rout, and the one referring
to the inside of the curve, Rinn, is as follows:
Rout > Rmed > Rinn (2.1.1)
Ri
nn R
me
d
Rout
Figure 2.2.: Different radii for a vehicle describing a curve.
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This difference in radii means that the distance traveled by the outer and inner
wheels must necessarily be different. Since both wheels take the same amount of
time to travel through the curve they must have different rotational speeds and the
following relation is evident if both wheels have the same diameter:
ωout > ωinn (2.1.2)
If both driving wheels are rigidly connected, as is the example of most simple
go-karts where the gearbox is connected to the axle via a chain, then this difference
in speed results in sliding of the tires on the surface of the road, causing excessive
tire wear and premature failure, and in unwanted stresses on the drive train [3, 7].
This problem was circumvented initially by having only one wheel driving the
vehicle, even though Onesiphore Pecqueur, a French mechanic, had created a differ-
ential mechanism for a steam road vehicle as early as 1827. This was not acceptable
and the solution found was the differential gear system. This system allows for the
wheels to rotate at different speeds while maintaining an equal distribution of torque
between both wheels [3, 7].
2.1.4. Final drive differential gear
The differential gear system, often abbreviated just to differential, is almost always
assembled in the final drive together with the bevel crown wheel. It consists of two
bevel gears that are connected to the driving wheels, referred to as the sun gears,
and either one, two or four bevel pinions, planet gears, that link the two suns. Four
pinions are normally just used in heavy-duty applications. The pinions are linked to
the cage of the differential by a pin making them free to rotate about their axis but
forcing them to rotate along with the cage. The cage is rigidly connected to the crow
wheel.
Equal speed on both wheels
When a vehicle is traveling in a straight path both driving wheels have the same
rotational speed. With this condition the planets do not spin about their axis and
work as a rigid coupling thus making the sun gears turn at the same speed as the as
the crown wheel as can be seen in figure 2.3.
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Figure 2.3.: Movement of the components of a differential with both wheels of the
vehicle moving at the same speed.
Figure 2.4.: Movement of the components of a differential with the extreme case of
one wheel stopped.
Different speed on wheels
The most common example of this is, as was seen previously, when a vehicle takes
a turn. When this is the case the inner wheel has a smaller speed than that of the
crown wheel and the outer's speed increases proportionately. Therefore, the speed
lost by the inner wheel is gained by the outer. When one of the wheels is turning
slower than the other there must be relative movement between them. For this to
be possible the planet gears must revolve about their axis and roll around the slower
sun gear.
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The relationship between the three rotational speeds, Nc for the crown wheel, Ninn
for the inner wheel and Nout for the outer is given by equation 2.1.3 [7]:
Nc =
Ninn +Nout
2
(2.1.3)
With equation 2.1.3 we can see that in the extreme case of figure 2.4, where one
of the wheels is stopped, the rotational speed of the free sun gear is twice that of the
crown wheel.
Torque
In a simple open differential, the type considered thus far, at any given time sup-
plies the same amount of torque to both wheels. This means that the torque supplied
to a wheel is limited by the torque supplied to the other which, in practice, means
that should there be a loss of torque, due to one of the wheels being lifted in the air,
for example, that loss is also subtracted in the other wheel. This is also true when
the wheels are both in contact with the road but one of them has less traction than
the other, a patch of ice or an oil spill for example.
This serious, and potentially dangerous, disadvantage can be overcome, however,
by different means of stopping the equalization of torque to both wheels.
Differential lock
One of the ways to prevent this situation is by using a differential lock. This lock
can be either automatically or manually activated and makes the axle a rigid con-
nection. Any difference in rotational speed between the wheels is suppressed with all
the consequences that entails and that have been discussed earlier. This is best used
when one of the wheels has inadequate conditions of traction to propel the vehicle [3].
Self-locking differential
Also called limited-slip differential, these differentials automatically prevent, when
one wheel has lost grip for some reason, the blocking of torque to the wheel that still
is capable of moving the vehicle. This also means that the extent to which the dif-
ferential can compensate for a difference in speeds between the two wheels is limited
[3].
This can be done by two different means, either by controlling the difference in
torque applied to both wheels or by controlling the difference in speed between the
wheels [3].
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External differential brakes
These systems allow for a varied lock that is adapted to driving conditions. This
has the advantage of locking the differential as much as necessary and unlocking it
when it is not needed. This removes the disadvantage of the differential locking not
because it is needed but because of technical limitations present in self-locking dif-
ferentials [3].
2.2. Actual differential used
The differential used in the tests performed comes from a B.M.W. model 318d E46
saloon which was produced between 1998 to 2006.
These models were equipped with an open differential with a hypoid gear pair.
The crown wheel has 43 teeth and the pinion has 14 teeth, providing a final reduc-
tion ratio of:
ired =
z2
z1
=
43
14
≈ 3.0714 (2.2.1)
The bearings used, and in what quantities, in the differential are given in table
2.1. Only one type of bearing is present in this differential- single row tapered roller
bearings. These roller bearings are used when there is a need to, in the same bearing,
support both radial and axial loads and are typically used in pairs to allow the axial
load to be applied in either direction [10].
Table 2.1.: Tapered roller bearings used in the differential and their quantities.
Bearing Quantity
Koyo HM 801310 2
Koyo HM 88542 2
FAG F-801298-TR1P-H79-T29 2
This differential uses about one litter of oil, measured by filing the differential,
while on a horizontal position, until it overflows.
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2.3. Final Drive Gear Oils
Final drive gear oils have to be capable of withstanding very high pressures in the
contact areas, especially if the final drive considered uses either a hypoid bevel gear
or a worm gear, since both types of gears have high levels of sliding between meshing
teeth [3, 7]. For that reason final drive gear oils, in order to adequately protect and
lubricate gears, are normally formulated with extreme pressure, EP, additives to be
able to cope with the pressures involved [2].
An axle gear oil must, generally, fulfil the following requirements [11]:
• Viscosity
The viscosity of the oil must be enough to create an elastohydrodynamic film,
as far as the working conditions allow, at any operating temperature.
• Adhesion
It is necessary to prevent the oil from being removed from the gears by centri-
fugal force while in operation, especially at high speeds.
• Chemical Stability
The oil is expected to maintain its physical and chemical properties with dif-
ferent operating temperatures and be capable of resisting oxidation.
• Corrosion protection
Axle gear oils must offer the gears some protection against corrosion and rust.
• Anti-Foam Qualities
An axle gear oil must not generate, due to the churning action of the gears,
foam as this will increase power loss [12].
• EP Properties
When very high pressures are present together with sliding action oils must
have EP additives added to allow a correct protection of the surfaces. These
additives are always necessary in hypoid gears and their use was limited until
effective EP additives were developed. These additives are also used in other
gear types when shock or very high loads are present.
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The American Petroleum Institute (API) has defined several grades of gear oils
for automotive transmissions depending on the type of gear and the operating condi-
tions. For final drives with hypoid gears API recommends either API GL-4 (with up
to 4% of EP additives) for moderate conditions of speed and load, or API GL-5 (up
to 6.5% of EP additives) for more severe operating conditions such as high speed,
shock, and high torque [13]. For manual non-synchronized transmissions of buses and
heavy-duty trucks API has the MT-1 grade. The detailed description of the API gear
oil grades is given in appendix B.
As was mentioned in Chapter 1 the final drive oils used in the tests performed
have been fully described by Hammami et al in [2]. Their results will be reproduced
here and used as reference values for the calculations performed later on that are
influenced by lubricant properties.
Five oils have been used, three of them are already in the market, marketed as
fuel efficient, FE, and possess the following viscosity grades:
• 75W90-FE (75W90-A)
• 80W90-FE (80W90-A)
• 75W140-FE (75W140-A)
The other two are candidate oils with a viscosity grade of:
• 75W85 (75W85-B)
• 75W90 (75W90-B)
In order to differentiate the group of reference oils from the group of candidates
oils the suffix A will be added to the former and B to the latter.
Of the five oils used four of them are synthetic oils, poly-α-olefin oils, and 80W90
is a semi-synthetic oil, a blend of synthetic and mineral oil that has some of the
benefits of synthetic oil formulations with a smaller price [14].
The 75W90-A and 80W90-A oils meet the API requirements for GL-4 and/or GL-
5 and/or MT-1. 75W140-A meets the requirements for GL-5. All of the candidate
oils, -B suffix, have yet to be tested in terms of API oil grades.
The "Fuel Efficient" oil formulations, available on the market, are typically based
around a high viscosity index (VI) and a low kinematic viscosity at 40 ◦C. The in-
creased VI makes the temperature scope, where a sufficient lubricant film is created,
larger and the lowering of the kinematic viscosity reduces spin losses. These charac-
teristics combined allow for an increase in the efficiency of the final drive but do not
reduce the quality of the lubrication for a given set of operating conditions [2].
The chemical composition and relevant physical properties of the five oils, as
provided by Hammami et al [2], are presented in table 2.2. The greatest differ-
ences in terms of chemical composition is that both 75W85-B and 75W90-B have
a much higher percentage of calcium and zinc than the other oils, the latter used
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as anti-wear (AW), anti-oxidation and corrosion additive, the former related to de-
tergent and dispersant additives. 75W-90-A, 80W90-A and 75W140-A have a large
amount of sulfur and phosphorus compounds used as EP and AW additives. These
are also present in group B oils but in smaller quantities [2].
From figure 2.5a it can be seen that oil 75W140-A has the highest viscosity at
any given temperature and that 75W-85-B has the lowest. The remaining oils are
situated between these two and have, for the temperature scope represented, very
similar values of kinematic viscosity. Figure 2.5a was plotted using Vogel's law [15],
equation 2.3.1, that correlates kinematic viscosity with temperature.
υ = K · e b(t+c) (2.3.1)
In terms of density all oils present similar values, the difference between the most
and least dense at 15 ◦C does not reach 4%. The variation of density with temperat-
ure is linear and given by equation 2.3.2.
ρ = ρ0 · (1 + αt · (t− t0)) (2.3.2)
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Figure 2.5.: Kinematic viscosity and density variation with temperature for the five
different oils.
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Table 2.2.: Chemical composition and physical properties of the five axle gear oils [2].
75W85-B 75W90-A 75W90-B 80W90-A 75W140-A
candidate reference candidate reference reference
Base oil PAO PAO PAO Mineral PAO
Parameter Unit
Chemical composition
Boron (B) [ppm] 0 / 81 / /
Barium (Ba) [ppm] 0 <5 0 <5 <5
Calcium (Ca) [ppm] 1798 18 2891 97 33
Magnesium (Mg) [ppm] 6 1087 17 936 1093
Sodium (Na) [ppm] 0 5 0 <5 <5
Phosphorus (P) [ppm] 783 1622 958 1436 1686
Silicon (Si) [ppm] 4 / 5 / /
Sulfur (S) [ppm] 2954 23262 3271 26947 22784
Tin (Sn) [ppm] 0 8 0 7 8
Zinc (Zn) [ppm] 899 7 1120 23 12
Physical properties
Density at 15 ◦C [g/cm3] 0.853 0.87 0.861 0.886 0.855
Viscosity at 40 ◦C [cSt] 68.95 112.35 114.42 123.30 200.70
Viscosity at 70 ◦C [cSt] 23.86 36.70 38.14 34.86 61.86
Viscosity at 100 ◦C [cSt] 11.44 16.37 17.18 14.38 26.21
Thermoviscosity at 40 ◦C [K−1] 40.2 44.3 43.3 50.7 46.3
(β × 103)
Thermoviscosity at 70 ◦C [K−1] 28.5 31.3 30.9 34.8 33.2
(β × 103)
Thermoviscosity at 100 ◦C [K−1] 21.1 23.1 22.9 25 24.7
(β × 103)
Piezoviscosity at 40 ◦C [Pa−1] 1.291 1.387 1.39 1.934 1.498
(αGold × 10−8)
Piezoviscosity at 70 ◦C [Pa−1] 1.128 1.194 1.2 1.623 1.28
(αGold × 10−8)
Piezoviscosity at 100 ◦C [Pa−1] 1.022 1.072 1.079 1.435 1.142
(αGold × 10−8)
VI [/] 162 147 163 118 169
Thermal expansion coefficient [/] -8.1 -7.3 -7.6 -7.7 -6.8
(αt × 10−4)
K (Vogel's equation constant) [cSt] 0.1995 0.1112 0.1132 0.0934 0.1078
c (Vogel's equation constant) [◦C] 95.2545 115.4963 118.9237 100.6382 121.9208
bV o (Vogel's equation constant) [
◦C] 790.6279 1075.7 1099.5 1010.6 1219.1
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In this chapter several power loss models for the various components of the differ-
ential will be discussed.
Load independent losses
These losses are not influenced by the application of load to the components. They
are present as long as there is movement of the parts of the differential and are heavily
dependent on the geometry of those parts, the geometry of the casing, the operating
conditions, the manner in which they are lubricated, and lubricant properties like
viscosity and density. [16].
power loss︷︸︸︷
PV =
gears︷ ︸︸ ︷
PV Z0︸ ︷︷ ︸
L.I.
+PV ZP︸ ︷︷ ︸
L.D.
+
bearings︷ ︸︸ ︷
PV L︸︷︷︸
L.I.+L.D.
+
seals︷︸︸︷
PV D︸︷︷︸
L.I.
+
auxilliary︷︸︸︷
PV X︸︷︷︸
L.I.
(3.0.1)
PCH = PV Z0 + PV X (3.0.2)
Load independent losses can be a very significant portion of the total energy losses
of a differential [17]. This is especially true when the operating speeds are high and
the churning effects of the gears become increasingly more important [11].
3.1. Rolling bearing losses - PV L - SKF model
In this section the rolling bearing losses for the bearings present in the differen-
tial are presented. The model used is the one described in SKF -Rolling bearings
catalogue [10]. As was shown in section 2.2 the differential does not use SKF bear-
ings. However, in order to prevent having to use various methods to calculate the
rolling bearing losses and to allow for a better comparability between the results of
the different power losses, these have been converted into similar SKF brand bearings
using SKF Bearings Master Interchange catalogue [18]. This way it is far easier
to obtain the geometric constants needed for the loss calculations. The bearings and
their equivalents are presented in table 3.1
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Table 3.1.: Roller bearings used in the differential and their SKF equivalents.
Bearing Quantity SKF Equivalent
Koyo HM 801310 2 HM 801346/310/Q
Koyo HM 88542 2 HM 88542/510/Q
FAG F-801298-TR1P-H79-T29 2 369 S/2/362 A/2/Q
The rolling bearing power loss is given by equation 3.1.1, the 10−3 factor is used
because torque is calculated in Nmm and the power loss in W.
PV L =M · n · 2 · pi
60
· 10−3 (3.1.1)
3.1.1. Total frictional torque - Mt
SKF's model starts by defining the total frictional torque, that causes power loss
when in operation, as a sum of several torques and is given by the following equation:
Mt =Mrr +Msl +Mseal +Mdrag (3.1.2)
Where
• Mt - total frictional torque;
• Mrr - rolling frictional torque;
• Msl - sliding frictional torque;
• Mseal - frictional torque of seals;
• Mdrag- frictional torque of drag losses.
3.1.2. Rolling frictional torque - Mrr
The rolling frictional torque is calculated by equation 3.1.3;
Mrr = φish · φrr ·Grr · (υ · n)0.6 (3.1.3)
Inlet shear heating reduction factor - φish
The amount of oil that enters the contact area of the rolling elements with the
inner and outer rings is very small when compared to the amount of oil available to
enter the contact area. Therefore some of oil is rejected and forms an oil flow contrary
to the main oil flow as can be seen in figure 3.1. This shears the oil which generates
heat, thus increasing the temperature and decreasing the oil's viscosity, and makes
it a source of power loss. This effect is considered in the model by the inlet shear
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heating reduction factor.
Figure 3.1.: Inlet shear heating reduction factor- φish [10].
φish =
1
1 + 1.84 · 10−9 · (n · dm)1.28 · υ0.64 (3.1.4)
Kinematic replenishment/starvation reduction factor - φrs
When the oil bath does not cover the entirety of the bearing, for example when the
oil level is lower than the centre of the lowest rolling element, the normal operation
of the bearing removes excess lubricant from the raceways that is then replenished
before the next rolling element arrives at the lowest part of the raceway.
However, in cases where operating speeds are high or oil viscosity is low, there
is the possibility that there is not enough time for the oil to re-enter the raceways
which creates a "starvation" effect that reduces the amount of oil in the contact and
the lubricant film thickness. This reduces the effectiveness of the lubrication and is
accounted for using the kinematic replenishment/starvation reduction factor.
φrs =
1
e
[Krs·υ·n·(d+D)·
√
Kz
2·(D−d) ]
(3.1.5)
The variable Grr for tapered roller bearings is given by equation 3.1.6:
Grr = R1 · dm2.38 · (Fr +R2 · Y · Fa)0.31 (3.1.6)
3.1.3. Sliding frictional torque - Msl
The sliding frictional torque is given by equation 3.1.7:
Msl = Gsl · µsl (3.1.7)
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Gsl is given by equation 3.1.8:
Gsl = S1 · dm0.82 · (Fr + S2 · Y · Fa) (3.1.8)
The sliding friction coefficient, µsl, is given by equation 3.1.9
µsl = φbl · µbl + (1− φbl) · µEHL (3.1.9)
Where µbl and µEHL represent the friction coefficient depending on the additive
package and the full-film sliding friction coefficient respectively. SKF provides the
value of µbl ≈ 0.15 and µEHL = 0.002 for tapered roller bearings.
3.1.4. Frictional torque of seals - Mseal
The frictional torque of seals can be, in bearings fitted with them, greater the one
generated by the bearing itself [10]. Equation 3.1.10 gives the frictional torque of seals.
Mseal = KS1 · dSβ +KS2 (3.1.10)
However, the bearings used in the differential do not have seals thereforeMseal = 0.
3.1.5. Drag torque - Mdrag
The difficulty in predicting drag losses makes that SKF's model for drag losses is
only to be considered accurate in the following conditions:
• The oil reservoir is large;
• The inner ring rotates at a constant speed;
• The shaft is horizontal;
• The oil viscosity is within the following limits:
 ≤ 500 mm2/s when the bearing is submerged up to or less than half;
 ≤ 250 mm2/s when the bearing is submerged more than half.
Not all of these conditions are met in the differential, the first one for example, so
the results provided by this model may have in them some deviations from the actual
values due to this fact.
The frictional drag torque for roller bearings is given by equation 3.1.11.
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H
D
d
Figure 3.2.: Height of oil bath - H [10].
Mdrag = 4 ·VM ·Kroll ·Cw ·B · dm4 ·n2+1.093 · 10−7 ·n2 · dm3 ·
(
n · dm2 · ft
υ
)−1.379
·Rs
(3.1.11)
Where Kroll, the rolling element constant, is given by
Kroll =
KL ·KZ · (d+D)
D − d · 10
−12 (3.1.12)
The variables used in equations 3.1.11 and 3.1.12 are:
Cw = 2.789 · 10−10 · lD3 · −2.786 · 10−4 · lD2 + 0.0195 · lD + 0.6439 (3.1.13)
lD = 5 · KL ·B
dm
(3.1.14)
ft =
{
sin (0.5 · t), when 0 ≤ t ≤ pi
1, when pi < t < 2 · pi (3.1.15)
Rs = 0.36 · dm2 · (t− sin t) · fA (3.1.16)
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t = 2 · cos−1
(
0.6 · dm −Hoil
0.6 · dm
)
(3.1.17)
fA = 0.05 · Kz · (D + d)
D − d (3.1.18)
All of the constants necessary to calculate Mt using SKF's model are provided by
the catalogue and presented in tables 3.2, 3.3 and 3.4 and figure 3.3.
Table 3.2.: Dimensions and constants 369 S/2/362 A/2/Q.
Dimensions and constants for bearing 369 S/2/362 A/2/Q
Variable Value Unit Variable Value Unit
d 47.625 mm Vm * /
D 88.900 mm µbl 0.15 /
T 20.638 mm µEHL 0.002 /
Y 1.9 / R1 2.31 · 10−6 /
Krs 3 · 10−8 / R2 10.9 /
Kz 6 / S1 0.019 /
KL 0.7 / S2 2 /
* See figure 3.3
Table 3.3.: Dimensions and constants HM 801346/310/Q.
Dimensions and constants for bearing HM 801346/310/Q
Variable Value Unit Variable Value Unit
d 38.100 mm Vm * /
D 82.550 mm µbl 0.15 /
T 29.370 mm µEHL 0.002 /
Y 1.1 / R1 2.60 · 10−6 /
Krs 3 · 10−8 / R2 10.9 /
Kz 6 / S1 0.020 /
KL 0.7 / S2 2 /
* See figure 3.3
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Table 3.4.: Dimensions and constants HM 88542/510/Q.
Dimensions and constants for bearing HM 88542/510/Q
Variable Value Unit Variable Value Unit
d 31.750 mm Vm * /
D 73.025 mm µbl 0.15 /
T 29.370 mm µEHL 0.002 /
Y 1.1 / R1 2.60 · 10−6 /
Krs 3 · 10−8 / R2 10.9 /
Kz 6 / S1 0.020 /
KL 0.7 / S2 2 /
* See figure 3.3
Figure 3.3.: Drag loss factor - VM [10].
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3.2. Shaft seals power loss - PV D
The losses due to the use of shaft seals that impose a radial force on the shaft
because of the interference between them are the least significant portion of the total
power loss in a final drive [6]. These losses are considered independent of the load
applied and increase with the shaft's tangential speed [6].
In order to predict the power loss that is attributable to the shaft seals several
models are presented. The one considered in the calculations of the power loss is
given by equation 3.2.1 provided by Simrit [19].
3.2.1. Simrit
The model by Simrit is load independent and does not take into account the
kinematic viscosity of the lubricant. It is given by equation 3.2.1 [19].
PV D = 7.69 · 10−6 · d2sh · n (3.2.1)
Figure 3.4.: Shaft seals power loss for various rotational speeds and shaft diameters
[19].
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3.2.2. Linke
The model proposed by Linke [20] takes into account the viscosity of the oil using
the kinematic viscosity at 40 ◦C.
PV D = [145− 1.6 · t+ 350 · log log (υ40 + 0.8)] · 10−7 · d2sh · n (3.2.2)
3.2.3. Kettler
This model considers the influence of the temperature in the oil viscosity and im-
plements it as a factor, FD, in the power loss equation [21].
PV D = 7.9163 · 10−6 · FD · d2sh · n (3.2.3)
3.3. Gear No-load loss - PV Z0
The purpose of this work is to evaluate the efficiency of a final drive. An important
part of the losses that contribute to the lowering of the efficiency of the final drive is
the churning losses. For these losses there are several models that attempt to predict
this component of the overall power losses in a gearbox [6, 22, 23, 24, 12]. However, it
has also been shown by Luke and Olver [25], and Filipe [26] that, when supplied with
the same operating conditions, these models produce vastly different results, so much
so that in Filipe's case it was necessary to represent the results in a logarithmic scale
on the vertical axis to be able to fit all models in the same figure. This shows that,
despite the fact that the models proposed in the articles referenced above present a
good degree of applicability, that applicability is generally reserved for the gearbox
used to validate the model.
Nevertheless, a comparison of the various models will also be made. One thing
that all of these models have in common is that they are formulated with cylindrical
gears in mind. This handicap will be circumvented using the concept of a virtual
cylindrical gear of a bevel gear present in DIN - 3998 part 3 [27]. The concept is that,
as shown in figure 3.5a, a bevel or hypoid gear can be transformed into a spur gear
with a similar tooth profile as the back cone tooth profile [27].
Using this concept the following gear pair, presented in table 3.5, will be used in
the churning loss prediction models.
The module was determined using the measurements made by Pinto [28], presented
in appendix A, and equation 3.3.1 for metric spur gears that have not been corrected.
It was considered that the measured outer diameter of the hypoid crown wheel was
the outer diameter of a spur gear without profile shift.
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(a) Virtual cylindrical gear. (b) Virtual cylindrical gear pair.
Figure 3.5.: Virtual cylindrical gear of a bevel gear.
Doi = m · (zi + 2)⇔ m = Doi
(zi + 2)
(3.3.1)
This equation, however, renders a module of 4.089mm using the measured value of
Do2 = 184mm. Because this is not a normalized value it was decided to use a module
of 4mm in the calculations and the measured Do2 was replaced by Do2 = 180mm
given by equation 3.3.1. This does not mean that the actual module of the gears is
4mm or even 4.089mm since profile shifting is extremely common and this is not
an adequate means to determine the module. This operation was made firstly to
have a pair of spur gears that can be applied in the models that has some degree of
similarity with the real pair and, secondly, because the conduction of more rigorous
measurements was impossible at the time.
Table 3.5.: Some geometric characteristics of the virtual cylindrical gear pair used in
the churning models.
Pinion Crown wheel
zi [/] 14 43
m [mm] 4
b [mm] 38
β [◦] 0
Di = m · zi [mm] 56 172
Doi = m · (zi + 2) [mm] 64 180
Dri = Di − 2.5 ·m [mm] 46 162
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The four models for churning loss in gears compared will be presented in chrono-
logical order of the sources where they were retrieved.
3.3.1. Höhn
The following model was retrieved from a more general study of all types of power
loss that can occur in a gearbox made by Höhn et al. in [6]. This model is the only
one of the four compared that does not take into account the fluid temperature and
viscosity.
The torque loss for each gear is given by 3.3.2
Mchurning = CSp · C1 · e
(
C2· vtvt0
)
(3.3.2)
Where CSp is a factor dependent on the casing dimensions, the immersion depth
and the size of the gears as can be seen by equation 3.3.3 and 3.3.4.
CSp =
2 ·Ro2
lH
·
(
4 · e2
3 ·Ro2
)1.5
(3.3.3)
lH =
4 · (L ·H)
2 · (L+H) (3.3.4)
L and H are, respectively, the width and height of the casing of the gearbox.
L
H
e1 e
2
Figure 3.6.: Gearbox dimensions. [6]
C1 and C2 are factors that take into account the immersion depth and face width
of the gears.
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C1 = 0.063 ·
(
e1 + e2
e0
)
+ 0.0128 ·
(
b
b0
)3
(3.3.5)
C2 =
e1 + e2
80 · e0 + 0.2 (3.3.6)
3.3.2. Boness
The model proposed by Boness [23] is characterized by the use of three different
flow regimes. The equations used to calculate the dimensionless torque are very
different between the three regimes as can be seen by the equations in 3.3.7.
CM =

20
Re
for Re < 2000
8.6 · 10−4 ·Re 13 for 2000 ≤ Re ≤ 10000
5·108
Re2
for Re > 10000
(3.3.7)
Mchurning =
CM · ρ · ω2 ·R3i · A
2
(3.3.8)
Re =
ω ·Ri · lchord
υ
(3.3.9)
When a Reynolds number larger than 10000 is reached there is, unlike the trans-
ition between laminar and transition regimes, a very large instantaneous variation of
the value of CM . The value of CM for a Reynolds number of 10001 is about 270 times
larger than that for a Reynolds of 9999. This can clearly be seen in figure 3.7.
3.3.3. Terekhov
Terekhov [22] proposed a model that also makes use of three flow regimes. How-
ever, the different regimes are defined not only by the Reynolds number but also by
Froude's number which are given by the following equations.
Fr =
ω2 ·Roi
g
(3.3.10)
Re =
ω ·Ro2i
υ
(3.3.11)
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Figure 3.7.: Variation of CM with Reynolds number.
For Re−0.6 · Fr−0.75 < 8.7 · 10−3 and Re < 2250:
CM = 4.75 ·Re−0.6 ·Fr−0.25 ·
(
V1
Vm
)−0.3
·
(
Vε
Vm
)−0.2
·
(
b
Roi
)−0.4
·
(
ei
Roi
)1.5
(3.3.12)
For Re−0.6 · Fr−0.75 ≥ 8.7 · 10−3 and Re < 2250:
Cm = 2.63 ·Re−0.6 ·Fr−0.25 ·
(
V1
Vm
)−0.53
·
(
Vε
Vm
)−0.2
·
(
b
Roi
)−0.4
·
(
ei
Roi
)1.5
(3.3.13)
For Re ≥ 2250:
Cm = 0.97·Re−0.6·Fr[−0.464+0.037·(Roi/ei)]·
(
V1
Vm
)−0.376
·
(
Vε
Vm
)−0.2
·
(
b
Roi
)−0.124
·
(
ei
Roi
)0.37
(3.3.14)
Finally, the churning torque is given by equation 3.3.15
Mchurning = CM · ρ · ω2 ·Ro4i · b (3.3.15)
This model also differentiates when a pair of gears are turning clockwise, figure
3.8a, or anti-clockwise, figure 3.8b. Equation 3.3.16 should be used in the first case.
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(a) Clockwise (b) Anti-clockwise
Figure 3.8.: Types of rotation of gears.
CM = 0.506 ·Re−0.32 ·Fr−0.25 ·
(
V1
Vm
)−0.8
·
(
Vε
Vm
)−0.2
·
(
b
Roi
)0.27
·
(
ei
Roi
)2.1
(3.3.16)
3.3.4. Changenet
Changenet et al. [24] [12] developed a model also based in flow regimes but used
a critical Reynolds number and a parameter, γ, that represents centrifugal acceler-
ation. This is used to include in the model the projection of lubricant fluid due to
centrifugal effects.
Rec =
ωi ·Ri · b
υ
(3.3.17)
γ = ω2i · (Ri · b ·m)1/3 (3.3.18)
For γ < 750m/s2
CM = ψ1 ·
(
ei
Di
)ψ2
·
(
Vm
D3i
)ψ3
· Frψ4 ·Recψ5 ·
(
b
Ri
)ψ6
(3.3.19)
For γ > 1250m/s2
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Table 3.6.: Coeficients for Cm for γ < 750m/s2.
Re < 4000 Re ≥ 4000
ψ1 1.366 0.239
ψ2 0.45 0.45
ψ3 0.1 0.1
ψ4 -0.6 -0.6
ψ5 -0.21 0
ψ6 0.21 0.21
CM = ψ1 ·
(
ei
Di
)ψ2
·
(
Vm
D3i
)ψ3
· Frψ4 ·Recψ5 ·
(
b
Di
)ψ6
(3.3.20)
Table 3.7.: Coeficients for Cm for γ > 1250m/s2.
Re < 4000 Re ≥ 4000
ψ1 20.797 3.644
ψ2 0.1 0.1
ψ3 -0.35 -0.35
ψ4 -0.88 -0.88
ψ5 -0.21 0
ψ6 0.85 0.85
In the gap that exists between the two acceleration regimes, 750 ≤ γ ≤ 1250 m/s2,
Changenet et al. [12] use a linear interpolation between the equations corresponding
to γ < 750m/s2 and γ > 1250m/s2.
The area of the gear in contact with the lubricant, Sm is given by equation 3.3.21.
Sm = R
2
i · (2θ − sin (2θ)) +Di · b · θ + 2 ·
zi · θ · htooth · b
pi · cos (α) · cos (β) (3.3.21)
Finally, the churning torque is given by equation 3.3.22.
Mchurning =
1
2
· ρ · ω2 ·R3i · Sm · CM (3.3.22)
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θ
D
Figure 3.9.: Fluid chord angle θ for a gear partially submerged in a fluid.
3.3.5. Comparison between models
To be better able to illustrate the differences between the models presented, cal-
culations were made using the gear pair described in table 3.5. The oil considered
was the 75W90-A, whose properties were presented in table 2.2, at a temperature
of 70 ◦C. The calculations were conducted in a wide speed range, 0 to 3000 rpm at
the pinion. The results were plotted, figure 3.10, in terms of churning loss torque
versus the pinion rotation speed in revolutions per minute. The final results for a
gear pair were reached by calculating the churning losses for each gear and adding
the two. This, as shown by Changenet et al. [12], is a good method as long as the
gears are rotating clockwise, figure 3.8a. Should the gears rotate in the opposite
direction, figure 3.8b, then the oil that is trapped by the meshing of the teeth and a
swell effect, that increases the immersion depth, may lead to an increase in losses [12].
From figure 3.10 it can be observed that there is a great discrepancy between
results. Only the model proposed by Terekhov [22] and the one by Changenet et al.
[12] have some degree of similarity throughout the speed spectrum tested. Even so
the largest difference between the two models is 300% the value of the smallest value
and 70% of the highest.
Each of the models was based in empirical studies and dimensional analysis, and
then adjusted and validated for certain oils and gears and most importantly for a
certain specific gear enclosure [6, 22, 23, 24, 12]. Changenet and Velex in [29], and
Chen and Matsumoto [30] give a more detailed report on the influence that the gear-
box casing design can have in churning losses. From their work it can be concluded
that the design and orientation of the gearbox casing play a vital role in the severity
of churning losses. Therefore, it cannot be expected that any of these models can
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Figure 3.10.: Comparison between different churning loss models under the same op-
erating conditions.
be directly applied to any given gearbox without at least some degree of adjustment
derived from experimental data.
3.4. Auxiliary loss - PV X
The auxiliary loss, PV X , accounts for the power loss that is promoted by com-
ponents that are not gears, rolling bearings or seals. This includes, for example, the
churning losses of the cage of the differential and the churning losses of the sun and
planet gears that, because all tests are performed in no-load conditions, act as a rigid
connection.
These losses are very difficult to estimate because they depend heavily on the geo-
metry of the differential cage and the differential housing. Small modifications in the
arrangement of the axles and gears produce vastly different results in terms of power
loss.
33

4. Experimental Analysis
In this chapter the test rig, the test procedure and the tests planned will be presen-
ted. The results will then be presented in the next chapter.
4.1. Test rig
The test rig used to perform the no-load tests was originally conceived to perform
no-load tests in a planetary gearbox. Those tests were conducted by Filipe [26].
Kinematic chain
The kinematic chain of the test rig is composed by a 7.5 kW electric motor with
a maximum rotational speed of 2920 rpm, 400V of nominal tension and 50Hz of
nominal frequency. The motor is then coupled to a belt and pulley system that has
a reduction ratio of three. By means of a coupling, that allows for a small amount of
radial misalignment, it is connected to a torque transducer which is, through another
coupling, connected to the gearbox to be tested, in this particular case, a final drive.
The test rig can be seen in figure 4.1.
Speed control
The reference rotational speed at which the tests are performed is the pinion speed.
Because of the belt and pulley reduction ratio the speed of pinion is three times smal-
ler than the speed of the motor. The speed of the motor is controlled from the control
panel of the test rig.
Data acquisition
The torque loss is measured by a torque transducer as shown in figure 4.1. The
specifications of the torque measuring device are described in table 4.1. The acquisi-
tion of data is made through a V alueMaster data acquisition device that allows the
computer to read the torque values measured during the tests. The specifications are
provided in the table 4.2. The data acquisition has a sample frequency of 10Hz.
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Torque Transducer Final Drive
Figure 4.1.: Test rig that was used to perform the tests.
Figure 4.2.: Differential with the cover removed, showing the hypoid crown wheel,
the differential planet carrier, and the bevel sun and planet gears. The
pinion is hidden behind the planet carrier.
Temperature
In order to measure the temperature of the oil sump a K-type thermocouple was
installed in the cover of the differential, (in figure 4.3), and another K-type ther-
mocouple measured the ambient temperature in the laboratory where the tests were
performed. Both thermocouples are connected to a data logger, that can be seen in
figure 4.3a. This data logger allows to measure temperature and record it if necessary.
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Table 4.1.: Torque transducer specifications.
Torque Transducer Type DRDL II
Nominal torque 50 [N ·m]
Measurement range 5,10,20,50 [N ·m]
Non-linearity <0.1 [%]
Hysteresis <0.1 [%]
Accuracy 0.01 [%]
Temperature sensitivity 0.01 [% K]
Table 4.2.: V alue Master specifications.
Torque Measuring Module Type V alue Master
Accuracy 0.02 [%]
Non-linearity 0.1 [%]
AD converter resolution 11 bit + 1 bit for leading signal [/]
(a) Temperature measuring system. (b) K-type thermocouple.
Figure 4.3.: Temperature measuring system used in the test rig.
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4.2. Test planning
In order to better prepare a set of tests that can represent actual operating con-
ditions there are two variables that have to be taken into consideration: speed and
temperature. In terms of speed it is inconceivable to conduct tests at all speeds that
a final drive is subjected to in a typical daily commute. Therefore, it is necessary
to judiciously choose a set of speeds that can be representative of normal driving
conditions in an urban environment, a intermediate road, neither urban nor highway,
and highway traveling.
In terms of temperature there is also a very large range of temperatures to be taken
into account. The choice of temperature to conduct the tests depends on whether,
for example, it is considered that the vehicle reaches the test speed quickly from a
cold start and thus the oil temperature is close to the ambient temperature or if the
test speed is reached after the oil temperature has stabilized.
4.2.1. Speed
Normally when the speed of a vehicle is mentioned it is almost always referencing
the linear velocity of the vehicle. For any given linear velocity there is, considering
that there is no slip between the tires and the road, a rotational speed associated of
the wheels that is directly dependent on the outer diameter of the tires. That speed
in turn can be, through the gear ratio of the final drive and assuming a straight ahead
trajectory of the vehicle, translated into the rotational speed of the pinion for any
given linear speed. This is illustrated by equations 4.2.1 and 4.2.2 and figure 4.4.
vlin = ωwheel · dtire
2
⇔ ωwheel = vlin · 2
dtire
(4.2.1)
ωpin = ωwheel · ired (4.2.2)
Therefore, it was necessary to select a tire so as to be able to calculate the rota-
tional speed to impose on the pinion to simulate a given speed at which the vehicle
would be moving. For this there was the need to choose a specific set of tires that
can be used on the BMW E-46. However, upon consulting the BMW E-46's service
manual [31] it was verified that there are a great number, 10, of tire specifications
that can be used on this particular vehicle. Nevertheless, the different tires that can
be used produce very small variations on the outer radius of the tires, with the largest
variation being of 5.1mm in terms of radius. With this in mind the selected approach
was to consider a mean value of the different radii. This means that the tire radius
considered in the calculations is given by equation 4.2.3.
rtire =
10∑
i=1
rtirei
10
= 316.7mm (4.2.3)
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Figure 4.4.: Speed of a wheel.
With a value for the size of the tire calculated, it was necessary to select a group
of linear velocities to perform the no-load tests. For this several of the most common
vehicle fuel emission tests have been considered and the average speeds were retrieved.
New European Driving Cycle (NEDC)
The most common vehicle fuel emission test in European Union is the New European
Driving Cycle (NEDC). This test was developed to represent normal vehicle driving
in Europe. It has two main parts, an urban cycle and a highway cycle. The urban
cycle is repeated four times successively followed by the highway cycle. The whole
test takes 1180 s with the vehicle starting cold, 20-30 ◦C, on a flat road or in rollers,
and without wind. The test is also performed without any auxiliary equipment, as
for example air conditioner, turned on. During the urban and highway cycles the
following speeds, table 4.3, are achieved and maintained for different amounts of time
[32].
Table 4.3.: New European Driving Cycle speeds.
Urban cycle Highway cycle
15 km/h 70 km/h
32 km/h 100 km/h
50 km/h 120 km/h
EPA Federal Test Procedure-75
This test was developed by the United States Environmental Protection Agency
(EPA) and, as of the 2008 update, also has two main parts, an urban and a highway
cycle, in addition to an aggressive driving cycle and a fourth, optional, cycle with the
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air conditioning functioning. The urban cycle, which lasts 1874 s, also starts with a
cold engine whereas the highway cycle, lasting 765 s, starts with the engine already at
a higher temperature. One of the major differences between this test and the NEDC
is that it has no constant cruising speeds. Therefore the speeds considered are either
an average or the maximum speed attained during the specific cycle during the test
[33].
Table 4.4.: EPA Federal Test Procedure-75 speeds.
Urban cycle Highway cycle
Average 34.1 km/h 77 km/h
Maximum 91.2 km/h 97 km/h
Worldwide harmonized Light vehicles Test Procedures
The Worldwide harmonized Light vehicles Test Procedures (WLTP) is a coordin-
ated effort by the European Union, Japan and India to create a global test procedure.
This test divides vehicles into three categories according to their power to weight ra-
tio however, most modern light passenger vehicles fall on the third category with the
largest power to weight ratio. For the third category the test is divided into four
parts with the following lengths: low, 589 s, medium, 433 s, high, 455 s, and extra
high, 323 s. Like the FTP-75 there are no constant cruising speeds so the speeds
considered are again either averages or maximum.
Table 4.5.: Worldwide harmonized Light vehicles Test Procedures speeds.
Low cycle Medium cycle High cycle Extra High cycle
Average 25.7 km/h 44.5 km/h 60.8 km/h 94 km/h
Maximum 56.5 km/h 76.6 km/h 97.4 km/h 131.3 km/h
For the set of tests intended for this work it was decided that four speeds would be
tested for each of the oils. From the speeds presented previously it can be seen that
there is a great variation of speeds from test to test, specially since both FTP-75 and
WLTP do not have any constant speed parts during the test. It was then decided to
start at 20 km/h, which represents a very slow speed but not uncommon in regular
urban driving where stops are frequent, and advance at 20 km/h intervals. This gives
the following speeds as 40 km/h, 60 km/h and 80 km/h. This set of speeds represents
a large range of operating conditions typical of vehicle usage in urban, extra-urban
and, highway settings. The respective pinion rotational speeds for these four test
speeds have been calculated and are presented in table 4.6 [32].
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Table 4.6.: Chosen test speeds. Rotational pinion speed calculated using mean tire
radius rtire = 316.7mm.
Urban 1 Urban 2 Non-Urban Highway
Linear velocity 20 km/h 40 km/h 60 km/h 80 km/h
Pinion rotational speed ≈ 500 rpm ≈ 1000 rpm ≈ 1500 rpm ≈ 2000 rpm
4.2.2. Temperature
After selecting a set of velocities to run the tests it was necessary to choose at
which temperatures to perform the torque loss measurements. The idea behind the
selection of temperatures was to create speed/temperature pairs that could represent
hypothetical real-life situations. To that end it was decided to select three temper-
atures: high, medium and low. The hypothetical situations that each pair represents
are shown in table 4.7.
Table 4.7.: Test temperature/speed pairs.
Speed Temperature Situation
20 km/h
Low Normal operation in an low speed setting
Medium Deceleration when exiting a extra-urban road
High Deceleration when exiting a highway
40 km/h
Low Starting the vehicle cold and departing immediately
Medium Normal operation in an urban setting
High Deceleration when exiting a highway
60 km/h
Low
Starting the vehicle cold and departing immediately
(extreme case, not normal in typical vehicle usage)
Medium Normal operation in an extra-urban setting
High Deceleration when exiting a highway
80 km/h
Low
Starting the vehicle cold and departing immediately
(extreme case, not normal in typical vehicle usage)
Medium Acceleration when entering a highway
High Normal operation in a highway setting
In order to determine the three temperatures it was necessary to have an estimate
of the range of temperatures reached by the oil in a final drive of a light passenger
vehicle. Figure 4.5 shows the evolution of the oil temperature in an final drive during
the EPA urban and highway driving cycles. From the figure it can be seen that at
lower speeds the temperature is mostly within the 38-49 ◦C range after an initial in-
crease from ambient temperature. At higher speeds the temperature ranges between
49-80 ◦C.
As can be seen by figure 4.5 there is a very large variety of temperatures that
makes the selection of three discrete values to simulate actual operating conditions,
on one hand, difficult because there are so many to choose from, on the other, im-
perative because it is not feasible to test them all.
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For the lowest temperature 25 ◦C was selected. This was meant to simulate losses
when the vehicle starts its operation and the oil is, for a short period of time, still at
ambient temperature. For the medium temperature 40 ◦C was selected as an average
value for the temperature when the vehicle is driven at intermediate speeds. For
highway usage the temperature selected was also a mean between the maximum and
the minimum for the highway cycle in figure 4.5 which gives 65 ◦C. However 60 ◦C was
selected as that value is equally distanced from the intermediate and very high speeds.
Figure 4.5.: Final drive oil temperature during the EPA FTP-75. [2, 34]
Table 4.8.: Test temperatures .
Test temperatures
Low 25 ◦C
Medium 40 ◦C
High 60 ◦C
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4.2.3. Test schedule
Due to test rig limitations, the pinion rotational speed cannot achieve the speeds
described in table 4.6, due to a maximum rotational speed of the electric motor of
3000 rpm, which translates in a maximum pinion rotational speed of 1000 rpm due
to the belt and pulley system reduction ratio. This limits the maximum speed of
the vehicle that it is possible to reproduce in the test rig to ≈ 40 km/h. Although
this does not allow for a full characterization of the speed range in a normal light
passenger vehicle it allows for a characterization of low-speed urban usage of vehicles.
With the limitations of the test rig in mind it was decided to reduce the test to
only three speeds, 500, 750, and 1000 rpm, that will be tested for each of the five oils
at the temperatures presented in table 4.8 plus an additional very high temperature
of 80 ◦C, giving in table 4.9, a final test layout for each oil. This test layout allows
for 12 experimental points for each oil.
Table 4.9.: Test temperature/speed pairs for each oil.
Test Speed Temperature
1st 20 km/h (500 rpm)
25 ◦C
40 ◦C
60 ◦C
80 ◦C
2nd 30 km/h (750 rpm)
25 ◦C
40 ◦C
60 ◦C
80 ◦C
3rd 40 km/h (1000 rpm)
25 ◦C
40 ◦C
60 ◦C
80 ◦C
In addition to the tests presented in table 4.9 it was decided that two other tests
would be performed. These test would consist in repeating the tests for 75W85-B
and 75W140-A. The difference would be that instead of the normal oil volume of 1 l
a smaller amount, 0.75 l, would be used.
The main objective of these tests was to get better understanding of the influence
of immersion depth in this differential. The decision to use 75W85-B and 75W140-A
was made because these oils were the farthest apart in terms of kinematic viscosity.
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4.3. Test procedure
In this section the test procedure used in the tests will outlined.
The first set of tests were performed using approximately 1 l of oil. This was
measured by filling the differential, in an horizontal position, until it overflowed as
the filling hole was located on the cover wall and its position corresponds with the
manufacturer's recommended amount of oil.
The speed is controlled in the control panel using the value that is displayed by
the V alue Master computer interface.
The torque was measured during one minute during which the temperature meas-
urement fell in an interval of ±1 ◦C the target temperature. This was done for 40 ◦C,
60 ◦C and 80 ◦C. For the tests at 25 ◦C the interval allowed was only of ±0.5 ◦C be-
cause at lower temperatures the effect of temperature variation has a greater impact
on the kinematic viscosity as can be seen in figure 2.5a.
In order to perform the tests, described in the previous section, in the most time-
efficient way it was decided that for each oil all speeds would be tested in sequence
for one given temperature. For example, for the oil 75W85-B firstly the torque loss
was measured at 500 rpm and 25 ◦C. After the measurement the oil was allowed to
cool back down to 25 ◦C and the speed increased to 750 rpm followed by the torque
measurement. This was then repeated once more for 1000 rpm. The next temper-
ature was then reached artificially using a heat gun and the measuring process was
repeated. This whole process was then repeated for each temperature and for each
oil.
For the second set of tests only 0.75 l of oil was used. The oil was measured with
a measuring cup. The remaining test procedure is the same as described for the tests
with the full quantity of oil. These tests were only made using the oils with the
smallest and highest viscosity grade, 75W85-B and 75W140-A respectively.
When it was necessary to change the test oil the drain plug on the bottom of the
differential was removed and, after the oil had been drained as best as possible, the
differential was filled with petroleum ether and the motor was set to a low speed. This
was to maximize the removal of oil that still clung to the interior of the differential
drive and any eventual wear particles that might have been released during the test.
The petroleum ether was, after also being drained, allowed to evaporate for at least
one hour before another oil was tested.
4.4. Experimental torque loss results
In this section the results that were measured during the test are presented in the
form of several plots. The information present in this section is only related to what
was directly measured and not the results that were obtained by calculations.
The torque measurements, as stated previously, were made during a period of one
minute at the designated test temperature and speed. This results in a series of
torque values, around 600 samples because of the sampling frequency of 10Hz and
the test duration, that were then averaged and subsequently plotted. The number
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of samples is not always the same because the data acquisition had to be manually
stopped, this resulted in small variations of the total number of samples.
The first set of plots, figures 4.6, and 4.7, represent the torque loss for each of the
five oils plotted against the oil temperature, figures on the left column, and against
the pinion rotation speed, figures on the right column. Secondly, figure 4.8 shows,
for each speed, the torque loss for all oils combined. Figure 4.10 shows, like the pre-
vious figure, the torque loss but in this case for the tests made with 75W85-B and
75W140-A with a smaller amount of oil.
Torque loss - Variation with temperature and speed
From figures 4.6 and 4.7 it can be easily seen that torque loss increases with speed
and decreases with temperature. This means that low temperatures combined with
high speeds are the conditions when torque loss is most serious.
For the spectrum of test conditions the influence of temperature, and consequently
viscosity, is far greater than the influence of speed. One way to reach this conclusion
is that constant temperature lines, 4.6b, 4.6d, 4.6f, 4.7b and 4.7d, are generally more
spaced apart for a given temperature than constant speed lines, 4.6a, 4.6c, 4.6e, 4.7a
and 4.7c, for a given temperature. This can be noticed especially in the oils with a
greater viscosity grade.
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(d) Constant temperature (75W90-A).
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(f) Constant temperature (75W90-B).
Figure 4.6.: Total torque loss test results for each oil plotted with constant speed
lines, left column, and plotted using constant temperature lines.
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Figure 4.7.: Total torque loss test results for each oil plotted with constant speed
lines, left column, and plotted using constant temperature lines.
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Torque loss - Difference between oils
From figure 4.8 it can be seen that 75W85-B has the lowest value of torque loss
out of all the oils tested and 75W-140-A has the greatest. This is true for every test
condition with two exceptions, as shown in figures 4.8a and 4.8c, which is a pinion
speed of 500 rpm and a temperature of 80 ◦C, and a pinion speed of 1000 rpm and a
temperature of 60 ◦C. Also noticeable is that the differences between the various oils
also steadily decrease, especially at 80 ◦C.
Also in figure 4.8 it can be seen that in all situations, but with a greater em-
phasis at low temperatures, the 75W90-A promotes a higher amount of torque loss
than 75W90-B. This occurs despite having very similar kinematic viscosity, as seen
in chapter 2.3, and should, theoretically, produce similar levels of torque loss. They
do, however, differ greatly on the additive package, with 75W90-B having mainly
anti-wear, detergent and dispersant additives, while 75W90-A has mainly extreme
pressure additives.
It is also interesting to note how, in figure 4.8c, the torque loss values at 60 ◦C
for all oils appear to converge to a single value. In this point differences between all
five oils are minimal. On the other hand, when temperature increases again there is
again a greater dispersion of the torque loss values.
If we compare the oils distribution in terms of kinematic viscosity values, figure
2.5a, with the distribution in terms of torque loss, figure 4.8, it can be observed that
there is a good agreement between kinematic viscosity and torque loss. The oil with
the highest kinematic viscosity, 75W140-A, promotes the highest torque loss, 75W85-
B promotes the lowest, 75W90-B promotes the second lowest and so on. The only
oil that does not comply with the pattern is the 75W90-A. This at first was thought
to be the result of a possible error during the test. However, the test was repeated
and the results were consistent with the ones obtained earlier.
It has been suggested by Changenet et al. [12] that churning power losses are ag-
gravated by lubricant aeration. Lubricant aeration occurs when air bubbles, foam,
form in the oil. Oils with a chemical composition that promotes the formation of
bubbles may present greater values of churning power losses for the same operating
conditions. It is, therefore, possible that it is due to the different additive package,
mainly the anti-foam additives, that there is a considerable difference in the overall
value of no-load torque loss between the two oils.
At low temperatures 75W90-A also produces a higher amount of torque loss than
80W90-A for all speeds, as the temperature increases, however, this difference is
greatly reduced.
This shows clearly the difficulty behind the development of churning torque loss
models, as two very similar oils, in terms of kinematic viscosity and density, produce
results that are quite different and thus one oil cannot be used to estimate the per-
formance of the other.
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(a) Torque loss for 500 rpm.
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(b) Torque loss for 750 rpm.
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(c) Torque loss for 1000 rpm.
Figure 4.8.: Torque loss test results for all oils at the different test speeds.
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Oil volume influence
In order to test the influence of the oil volume in torque loss two tests were made
with a lower volume of oil, 0.75 l, than what is indicated by the manufacturer of the
differential, one litter of oil. For these tests 75W85-B and 75W140-A were selected
as they are the two oils farthest apart in terms of viscosity of the five test oils.
The results of these test can be seen in figure 4.10. The results were not in any
Figure 4.9.: Approximate oil level under normal operating conditions.
way similar to what was expected [24, 25], as when less oil was used there were some
cases where there was an equal or even higher amount of torque loss. This could
be most likely related to the fact that the volume of oil used, 25% less than indic-
ated, was not enough to properly lubricate all components in the differential. As an
example, the output axle roller bearings are not normally dipped in the oil, relying
on the splash generated by the other moving parts to be lubricated. Reducing the
amount of oil to such a degree can create a situation where the smaller splash created
is not enough for the correct lubrication of the roller bearings. This, in turn, results
in a higher torque loss as the friction in the roller bearings increases.
The torque loss difference, however, is not very significant. All variations are small
when compared with the difference in oil volume. This had already been noted by
Xu et al. [34].
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(a) Torque loss for 500 rpm.
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Figure 4.10.: Torque loss test results for 75W85-B and 75W140-A at the different test
speeds and two different oil volumes, 0.75L and 1L.
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5. Model implementation and
results
The model implemented in order to estimate the churning power loss will be presen-
ted in this chapter along with the modifications made to the roller bearing model.
The results of the model for the test conditions are also presented.
5.1. Roller bearing and shaft seals model
In order to determine which part of the measured torque loss in the final drive is
due to churning a model composing of roller bearing losses and shaft seal losses, as
described earlier, was used. To the total losses of the differential, that were measured,
the results of this model were subtracted. This allows the determination of the churn-
ing losses in the differential and a breakdown of the various power loss components
as will be seen in chapter 6.
The shaft seals model applied was the one described in section 3.2.1 directly. For
the roller bearings the model used was also the one presented but with an alteration.
As was described by Fernandes et al. [16], the values of µbl and µEHL proposed by
SKF [10], and mentioned in section 3.1.3, produce an overestimated value for the slid-
ing frictional torque. The revised values obtained experimentally for tapered roller
bearings by Rodrigues [35] provide a better approximation of the measured value for
sliding frictional torque. Those values are presented in table 5.1.
Table 5.1.: SKF model lubricant parameters for a tapered roller bearing [35].
Oil µbl µEHL
75W85-B 0.290 0.001
75W90-A 0.263 0.001
75W90-B 0.201 0.036
80W90-A 0.237 0.001
75W140-A 0.149 0.020
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5.2. Churning torque loss model
From the models presented previously the most recent and most recently updated
is the one by Changenet et al. [12, 24, 29]. It is also a model that is not based
solely on the Reynolds number for its analysis. This follows the conclusions, reached
by Luke and Olver [25], that models that are based solely on the Reynolds number
do not take into account other important factors when considering churning losses.
For this reason it is decided to use the churning model devised by Changenet et al.
[24, 12, 29].
The model is divided into two parts. Firstly it calculates the churning torque,
or power, loss for each gear individually and then adds them, keeping in mind that
power can be directly added but torque needs to take into consideration the gear
ratio as torque to be added needs to be calculated in the same axle. In this case,
because torque will be measured in the pinion axle, torque loss is considered in the
pinion axle. The gears used for the calculation were the virtual cylindrical gear pair.
Secondly, the planet carrier churning loss will be added allowing for a more com-
plete view of the overall final drive churning losses.
The adaptation made by Changenet et al. [24] to apply the model on disks rotating
partially immersed in fluid was used. The adaptation consisted of removing from the
lubricant/gear contact area the part corresponding to the gear tooth flank, as can be
seen in equation 5.2.2, and substituting the gear face width by the disk length and
the gear pitch diameter with the disk diameter. Using this approach the differential
planet carrier and enclosed sun and planet gears were considered to be similar to a
rotating disk and the churning losses of the planet carrier were calculated. However,
because the planet carrier is not a cylinder, but rather a section of a cone, a mean
diameter was used for the disk diameter.
Ddisk =
Dmax +Dmin
2
(5.2.1)
Smdisk =
(
Ddisk
2
)2
· (2θ − sin 2θ) +Ddisk · bdisk · θ (5.2.2)
Table 5.2.: Final drive planet carrier dimensions used in the model.
Dimension
Dmax 116mm
Dmin 76mm
Dmed 96mm
bdisk 200mm
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5.2.1. Churning torque loss estimates
In this section the estimates made with the model described in section 5.2 will be
presented.
Figures 5.1 and 5.2 represent churning torque loss for the test conditions presented
in table 4.9. In these plots only the 12 test conditions have been calculated, which
means that the evolution of the churning torque loss model between them is not ne-
cessarily linear.
Figure 5.3 are contour plots where it is shown, for each of the five oils, how the
total torque loss varies with temperature, horizontal axis, and with pinion rotational
speed, vertical axis. Along the lines the churning torque loss is constant and the
colour scheme on the right of the plots indicates how severe it is, from least severe,
blue, to highest churning torque loss, red.
As can be expected from the model, for all oils, the highest churning torque loss is
obtained when low temperatures, which means high viscosity, are combined with high
rotational speeds. On the other extreme, the lowest values are obtained when the
rotational speed and the kinematic viscosity are both low and, inversely, temperature
is high.
In the model and for all oils there is also a region where, regardless of speed and
temperature, the churning torque loss is very low. This occurs because of the trans-
ition of the flow regime from laminar to turbulent, as can be seen in figure 5.3f where
the area for Re > 4000 coincides with the area in figure 5.3e where the churning
torque loss is low regardless of speed and temperature. This occurs for all the five
oils.
In figure 5.1 it can be seen that there are very few differences between the churning
torque loss for 75W90-A (figures 5.1c and 5.1d) and 75W90-B (figures 5.1e and 5.1f).
This occurs because the model takes only into account the kinematic viscosity and
density of the oils, other variables like anti-foam additives are not considered. Since
both these parameters are similar between the two oils, figure 2.5, and other para-
meters that could have an impact on the churning torque loss value are disregarded
it is natural that the model produces nearly identical values for both oils in the same
operating conditions.
From figure 5.1a it can be clearly seen that there is a great difference between
torque loss at 25 ◦C and at the other temperatures. This shows again how the trans-
ition between Re < 4000 and Re > 4000 produces a very large difference in torque
loss value. This can also be seen in figures 5.1c, 5.1e and 5.2a, where between 40 ◦C
and 60 ◦C there is an abrupt fall in torque loss values for 500 and 750 rpm. For 1000
rpm the transition occurs between 25 ◦C and 40 ◦C. Due to the higher viscosity of
75W140-A, figure 5.2d, the transition to Re > 4000 takes place somewhere between
40 ◦C and 60 ◦C for 750 and 1000 rpm and between 60 ◦C and 80 ◦C for 500 rpm.
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(b) Estimated torque loss for 75W85-B.
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(c) Estimated torque loss for 75W90-A.
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(d) Estimated torque loss for 75W90-A.
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(e) Estimated torque loss for 75W90-B.
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(f) Estimated torque loss for 75W90-B.
Figure 5.1.: Estimated churning torque loss for all of the five oils in the test temper-
ature and speed conditions.
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(b) Estimated torque loss for 80W90-A.
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(d) Estimated torque loss for 75W140-A.
Figure 5.2.: Estimated churning torque loss for all of the five oils in the test temper-
ature and speed conditions.
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(a) Estimated torque loss for 75W85-B.
80W90-A
0 20 40 60 80
Temperature [ºC]
0
200
400
600
800
1000
Pi
ni
on
 ro
ta
tio
na
l s
pe
ed
 [rp
m]
0
0.05
0.1
0.15
0.2
0.25
To
rq
ue
 lo
ss
 [N
.m
]
(b) Estimated torque loss for 80W90-A.
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(c) Estimated torque loss for 75W90-A.
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(d) Estimated torque loss for 75W90-B.
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(e) Estimated torque loss for 75W140-A.
75W140-A
0 20 40 60 80
Temperature [ºC]
0
500
1000
1500
2000
2500
Pi
ni
on
 ro
ta
tio
na
l s
pe
ed
 [rp
m]
0
4000
R
e
Re>4000
Re<4000
(f) Reynolds number zones.
Figure 5.3.: Estimated torque loss for all of the five tested oils in a wide range of
temperatures and speeds. Figure 5.3f represents the Reynolds number
for 75W140-A and shows two zones, the blue one where Re < 4000 and
the red one where Re > 4000.
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5.2.2. Churning torque loss model - Rec modification
Following the experimental tests it was verified that the change in flow regime
estimated in the previous section, 5.2.1, did not happen within the scope of the oper-
ating conditions included in the tests. Figures 4.6 and 4.7 show no sudden variation
in torque loss between operating conditions. With this in mind it is reasonable to
expect that the transition between regimes happens, if it happens, at a point where
the Reynolds number is higher than the highest Reynolds number for the test condi-
tions. Equation 3.3.17 gives the value for the critical Reynolds number in the model
for Changenet et al. [12, 24] as:
Rec =
ωi ·Ri · b
υ
(5.2.3)
From equation 5.2.3, and considering that Rec has a very similar value for the
crown wheel, pinion and planet carrier for a given set of operating conditions, it can
be seen that the highest value of Rec will be achieved in the test conditions that
combine the highest rotational speed with the lowest kinematic viscosity. The result
of the first condition is easily identified as being 1000 rpm. The second is also easy
to determine by consulting figure 2.5a, the lowest kinematic viscosity is achieved by
75W85-B at a temperature of 80 ◦C. Therefore, the critical Reynolds number for
75W85-B at a speed of 1000 rpm and 80 ◦C was calculated.
Recadjusted ≈ 6136 (5.2.4)
This adjusted value was then substituted in the churning torque loss model as the
transition value between the laminar and turbulent flow regimes.
The results of the adjusted model are presented in figure 5.4 and 5.5. One can
observe that, as expected, there no longer is a sudden drop in torque loss. These
values, however, will be shown later to result in very different values of churning
power loss when compared to the measured churning torque loss values measured in
the tests. When compared with the total torque loss results (figures 4.6 and 4.7) it
can be seen that there is a similarity in the evolution of the torque loss values even
though the actual values are necessarily very different.
From this adjustment it can be also seen that, as expected, the large area in figure
5.3 that resulted from the transition occurring at Rec = 4000 does not exist in the
adjusted contour plots shown in figure 5.6.
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(b) Estimated torque loss for 75W85-B.
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(c) Estimated torque loss for 75W90-A.
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(d) Estimated torque loss for 75W90-A.
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(e) Estimated torque loss for 75W90-B.
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(f) Estimated torque loss for 75W90-B.
Figure 5.4.: Adjusted estimated churning torque loss for all of the five oils in the test
temperature and speed conditions.
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(b) Estimated torque loss for 80W90-A.
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(c) Estimated torque loss for 75W140-A.
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(d) Estimated torque loss for 75W140-A.
Figure 5.5.: Adjusted churning torque loss for all of the five oils in the test temper-
ature and speed conditions.
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(a) Estimated torque loss for 75W85-B.
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(b) Estimated torque loss for 80W90-A.
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(c) Estimated torque loss for 75W90-A.
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(d) Estimated torque loss for 75W90-B.
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(e) Estimated torque loss for 75W140-A.
Figure 5.6.: Adjusted torque loss for all of the five tested oils in a wide range of
temperatures and speeds.
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6. Analysis and Discussion
This chapter will be devoted to discussing the results obtained from direct meas-
urement of torque loss. From these results calculations were made to determine a
breakdown of the total power loss into different components. A comparison between
the churning power loss values obtained experimentally and numerically will also be
made.
6.1. Power loss breakdown
Roller bearing power loss and preload
As was mentioned earlier the total power loss of a final drive, or any other gearbox-
type mechanism, can be considered a sum of several power loss components as shown
in equation 3.0.1. In the tests that were performed what was measured was the torque
that was required to rotate the differential pinion shaft at the desired speed without
any load applied. From the values obtained for the different test conditions, the total
load-independent power loss, PV 0, can be calculated. Knowing that there are reliable
models to estimate some of the no-load loss components, as was shown in chapter 3,
it is, therefore, possible to calculate the components for which there are currently no
reliable models.
Using the power loss model developed by SKF [10] for the roller bearings PV L,
and the one provided by Simrit [19] for the shaft seals PV D, the components of power
loss can be estimated for the different conditions of temperature and speed of the
tests. These values were then subtracted to the power loss values that were obtained
by experiment, equation 6.1.2. The result is the remaining parts of the overall power
loss, the gears load-independent power loss, PV Z0, and the auxiliary power loss, PV X .
The sum of these two is represented by PCH .
PV 0 = PV Z0 + PV L + PV D + PV X (6.1.1)
PV 0 − PV L − PV D = PV Z0 + PV X = PCH (6.1.2)
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The roller bearing model, however, rests on the principle that the loads applied
to the roller bearing are known. While the radial load, Fr, can be neglected because
the tests were performed under no-load conditions, the axial load however, cannot
be considered zero. The reason for this is that tapered roller bearings require a min-
imum load to operate correctly. SKF recommends that in tapered roller bearings it
is important to apply some degree of axial preload, especially when they are used
in automotive differentials, so as to increase the stiffness of the assembly and the
running accuracy [10].
However, there was no expedite means to determine for certain what amount of
preload had been applied when, in the previous work done with this particular dif-
ferential [28], the differential was taken apart and then reassembled. This proved to
be an obstacle because, while it does not compromise the overall power loss results,
it does compromise an accurate estimate of the churning and auxiliary power losses,
as the determination of these values requires an accurate value for the roller bearings
power loss which in turn needs an accurate value of the axial preload. A different
roller bearing preload from factory specifications also prevents the comparison of the
results obtained in this work with results from similar tests on factory-assembled dif-
ferentials that are used on actual vehicles, as a different bearing preload will change
the overall power loss.
SKF suggests that as a general rule and as a first approach for roller bearings a
preload of 0.02 ·C where C is the basic dynamic rating of the roller bearing in kN. In
table 6.1 the dynamic rating and the suggested preload for each of the roller bearings
is presented.
Table 6.1.: Preload for the three roller bearings as proposed by SKF [10].
Bearing C Preload (0.02 · C)
HM 801346/310/Q 85.8 kN 1.72 kN
HM 88542/510/Q 70.4 kN 1.41 kN
369 S/2/363 A/2/Q 76.5 kN 1.53 kN
The values in table 6.1 are, however, an overestimation of the actual value ap-
plied. This was verified when, with the values above, the churning and auxiliary
power losses were calculated and the results were, for all test conditions of speed and
temperature, negative. Obviously that was not possible, which led to the conclusion
that the preload that was applied to the roller bearings was lower than what was
recommended by SKF [10].
Therefore, as determining the preload was not a realistic option, two assumptions
were made. Firstly, the preload was considered equal for all roller bearings. Secondly,
the value selected was one that guaranteed that for all the different test conditions
the value of PV Z0 + PV X was always greater than zero. This value represented a
maximum possible value for the preload though it is not known if it is the actual
value. The value found that met this criterion was 65N.
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Power loss distribution
After taking the two assumptions mentioned earlier into consideration, the calcu-
lations for the roller bearings and the shaft seals power loss were made, followed by
the determination of the gears no-load power loss together with the auxiliary power
loss. The results have been plotted using bar graphs with different colours for each
of the components of the no-load power loss. A common aspect of all oils is that the
most important part of no-load power loss is always the roller bearing component.
The results for 75W90-A and 75W90-B can be seen in figure 6.1. It can be clearly
observed that there is a significant difference in terms of churning and auxiliary power
loss between the two oils. While both oils have the same viscosity grade and, as seen
in chapter 2.3, very similar kinematic viscosity, they differ greatly on the additive
package. These differences are not taken into account neither by the roller bearing
model nor by the shaft seals model. Therefore, it cannot be immediately inferred that
there is a more severe case of gear no-load and auxiliary power losses in 75W90-A
since the share of the roller bearings and shaft seals in the total power loss is not
necessarily the same.
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(d) Power loss for 75w90-B.
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(e) Power loss for 75w90-B.
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(f) Power loss for 75w90-B.
Figure 6.1.: Power loss breakdown in its different components for 75W90-A and
75W90-B.
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From figure 6.2 it can be seen that 75W85-B promoted very little, the least amount,
of churning and auxiliary power loss while the roller bearing losses where the main
component of power loss. This is the case in almost all tests performed. The roller
bearing component had a very large share of the overall power loss for any given
oil, temperature or speed. In all tests the auxiliary and churning power loss did not
account for more than 38% of the total power loss and could go as low as 0.3%. This
is, however, because of the roller bearing preload assumption that was made.
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(a) Power loss for 75W85-B.
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(c) Power loss for 75W85-B.
Figure 6.2.: Power loss breakdown in its different components for 75W85-B.
Figure 6.3c shows how the maximum power loss is reached by 75W140-A and
surpasses 200W where as, with the other oils, for these conditions the total power
loss is quite below that value, with the exception of 70W90-A.
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(a) Power loss for 75W140-A.
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(c) Power loss for 75W140-A.
Figure 6.3.: Power loss breakdown in its different components for 75W140-A.
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6.1. Power loss breakdown
Power loss for 80W90-A, as expected, is situated between 75W90-B, but lower
than 75W90-A for some speeds and temperatures, and 75W140-A.
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(a) Power loss for 80w90-A.
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(c) Power loss for 80w90-A.
Figure 6.4.: Power loss breakdown in its different components for 80W90-A.
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6.2. Comparison with model results
A comparison between the experimental churning loss results that were obtained
and the results provided by the adjusted numerical model, in terms of churning power
loss, will be made in this section. A comparison between the experimental values and
the model, before the correction, was made but this resulted in results worse than
those after the correction. Therefore, those initial results were discarded and are not
shown here.
As can be seen from figures 6.5, 6.6, 6.7, 6.8 and 6.9 there is, for most operation
conditions, a very large difference between the model and the experimental results.
This comparison was made in terms of PV Z0 in order to focus on the churning power
loss model. Should the comparison be made using the total power loss the differences
would not be so evident, owing mainly to the fact that the scale on the vertical axis
would have to be much larger, in order to accommodate the total power loss values,
for the same values of churning power loss.
In most cases the model underestimates torque loss, especially at low temperat-
ures. It is also necessary to note that the test results are not necessarily accurate
thus the validity of the model is difficult to assess.
No further endeavour to correct the model was undertaken, partly because the
experimental results rest on assumptions that may not be completely true, partly
because the result would be a model that can only be tested with this differential in
particular and also partly due to the lack of time available.
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(a) Power loss for 75W85-B.
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(c) Power loss for 75W85-B.
Figure 6.5.: Churning power loss comparison between the model and the experimental
results for 75W85-B.
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Figure 6.6.: Churning power loss comparison between the model and the experimental
results for 75W90-A.
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Figure 6.7.: Churning power loss comparison between the model and the experimental
results for 75W90-B.
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Figure 6.8.: Churning power loss comparison between the model and the experimental
results for 80W90-A.
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Figure 6.9.: Churning power loss comparison between the model and the experimental
results for 75W140-A.
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7. Conclusions
With this work some conclusions can be drawn from the experimental results ob-
tained and their analysis:
• The influence of temperature, and therefore viscosity, on no-load torque loss is
far greater than the influence of rotational speed, for the range of conditions
tested;
• There is a general tendency in all oils for torque loss to diminish with an in-
crease in temperature and to increase with greater speed;
• Despite the heavy-handed influence of viscosity, it can be seen that oils with
similar characteristics in terms of kinematic viscosity can produce very different
torque loss results, most likely due to foam formation;
• Although energy savings are important in all aspects of a vehicle, when com-
pared with the power provided by modern engines, where motors producing
100 kW are nowadays very common, no-load power losses in the final drive are
comparatively low;
• The highest general torque loss was reached by 75W140-A, while the lowest was
75W85-B;
• From the total no-load power loss calculations the share related to the roller
bearings has the most influence. Shaft seals have the least;
• Due to the extremely complex nature of the phenomenon of churning, no-load
power loss models that can be applied broadly are extremely difficult to create.
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8. Future works
Although the results of the tests performed were interesting, not knowing the
actual roller bearing preload hampered the fine tuning of the numerical model. With
this in mind several future works are suggested:
• Repeating the tests with a known value for the bearing preload followed by a
fine tune of the model using the results;
• With a different test rig test other more severe operating conditions to fully
simulate light passenger vehicle operating conditions;
• Repeat the tests with a lower amount of oil than recommended but, not so
much that it leads to incorrect lubrication and an actual increase in torque loss.
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A. Gear measurements
Figure A.1.: Measurements available of the crown gear.
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A. Gear measurements
Figure A.2.: Measurements available of the pinion gear.
Figure A.3.: Measurements available of the planet gear.
Figure A.4.: Measurements available of the sun gear.
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performance requirements apply, the descriptions in the publication conform to the automotive 
lubricants test language developed by ASTM International. API standards are published as an aid 
to procurement of standardized equipment and materials. These standards are not intended to 
inhibit purchasers or producers from purchasing or producing products made to specifications 
other than those of API. 
 
API publications may be used by anyone desiring to do so. Every effort has been made by the 
Institute to assure the accuracy and reliability of the data contained in them; however, the Institute 
makes no representation, warranty, or guarantee in connection with this publication and hereby 
expressly disclaims any liability or responsibility for loss or damage resulting from its use or for 
the violation of any federal, state, or municipal regulation with which this publication may conflict. 
 
Suggested revisions are invited and should be submitted to the Standardization Director, 
American Petroleum Institute, 1220 L Street, N.W., Washington, D.C. 20005, USA. 
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Lubricant Service Designations for Automotive Manual Transmissions, 
Manual Transaxles, and Axles 
 
1 Introduction 
 
This document was prepared by the Lubricants Group of the American Petroleum Institute to assist manufacturers 
and users of automotive equipment in the selection of transmission, transaxle, and axle lubricants for the operating 
conditions described. 
 
In some axles, some transmissions, and some transaxles, gears of different designs are available for a variety of 
service conditions. Selecting a lubricant for specific applications involves careful consideration of the operating 
conditions and the chemical and physical characteristics of the lubricant. The American Petroleum Institute has 
released lubricant service designations for automotive manual transmissions, transaxles, and axles. Each 
designation refers to the performance required of a gear lubricant for a specific type of automotive service. These 
designations also recognize the possibility that lubricants may be developed for more than one service 
classification and may be so designated. 
 
In developing the language for the service classifications, the Lubricants Group recognized a need to supplement 
the descriptions for certain gear lubricants, particularly those for hypoid gears, by referring to a series of tests that 
would serve to provide more detailed information on the performance requirements of such lubricants. These series 
of tests were developed by Section B.03 of Subcommittee D02.B on Automotive Lubricants of ASTM International 
Committee D02, and reference is made to these test procedures in the API service designations described below. 
 
Due to changes in manufacturers' recommended practices or due to the unavailability of testing hardware, the 
Service Designations API GL-1, GL-2, GL-3, and GL-6 are not in current use. The designations listed in Section 3 
replace all previous API gear lubricant designations. 
 
Automotive gear lubricants are identified by viscosity grade in addition to performance level. SAE J306 defines the 
requirements for viscosity grade classification. This standard also defines requirements for shear stability and for 
proper labeling and usage of SAE viscosity number designations. 
 
Note: Automatic or semiautomatic transmissions, fluid couplings, torque converters, and tractor hydraulic systems usually require special 
lubricants. Consult the manufacturer or lubricant supplier for the proper lubricant. 
 
2 Normative References 
 
The following referenced documents are indispensible for the application of this document. For dated references, 
only the edition cited applies. For undated references, the latest edition of the referenced document (including any 
amendments) applies. 
 
ASTM D5760 Standard Specification for Performance of Manual Transmission Gear Lubricants 
 
ASTM D7450 Standard Specification for Performance of Rear Axle Gear Lubricants Intended for 
API CategoryGL-5 Service 
 
SAE J306 Surface Vehicle Standard Automotive Gear Lubricant Viscosity Classification 
 
SAE J2360 Surface Vehicle Standard Lubricating Oil, Gear Multipurpose (Metric) Military Use  
 
3 Service Designations in Current Use 
 
3.1  API GL-4 
 
The designation API GL-4 denotes lubricants intended for axles with spiral bevel gears operating under moderate 
to severe conditions of speed and load, or axles with hypoid gears operating under moderate conditions of speed 
and load. Axles equipped with limited-slip differentials have additional frictional requirements that are normally 
defined by the axle manufacturer. 
2 API 1560 
 
 
API GL-4 oils may be used in selected manual transmission and transaxle applications where API MT-1 lubricants 
are unsuitable.  In all cases, the equipment manufacturer's specific lubricant quality recommendations should be 
followed. 
 
Although this service designation is still used commercially to describe lubricants, test equipment for performance 
verification is not currently available.  Lubricant end users are advised to request appropriate supporting 
documentation on previously tested lubricants from their suppliers. 
 
3.2 API GL-5 
 
The designation API GL-5 denotes lubricants intended for gears, particularly hypoid gears, in axles operating under 
various combinations of high-speed/shock load and low-speed/high-torque conditions. The performance 
specifications for API GL-5 are defined in the most recent version of ASTM D7450.  Frictional requirements for 
axles equipped with limited-slip differentials are normally defined by the axle manufacturer. 
 
Another widely recognized performance specification for automotive gear lubricants is SAE J2360. Lubricants 
approved under SAE J2360 satisfy the requirements of API Category GL-5. SAE J2360  contains performance 
requirements that exceed those of API Category GL-5. For example, SAE J2360 has requirements for elastomer 
compatibility and gear cleanliness after oxidation that are not contained in API GL-5. 
 
3.3 API MT-1 
 
The designation API MT-1 denotes lubricants intended for nonsynchronized manual transmissions used in buses 
and heavy-duty trucks. Lubricants meeting the requirements of API MT-1 service provide protection against the 
combination of thermal degradation, component wear, and oil-seal deterioration, which is not provided by lubricants 
in current use meeting only the requirements of API GL-4 or 5. 
 
API MT-1 does not address the performance requirements of synchronized transmissions and transaxles in 
passenger cars and heavy-duty applications.  API MT-1 lubricants should not be mixed with engine oils in the same 
transmission unit.  Transmission manufacturers' specific lubricant quality recommendations should be followed. 
 
The performance specifications of API MT-1 are defined in the most recent version of ASTM D5760.   
 
4 Service Designations not in Current Use 
 
4.1 API GL-1 
 
The designation API GL-1 denotes lubricants intended for manual transmissions operating under such mild 
conditions that straight petroleum or refined petroleum oil may be used satisfactorily. Oxidation and rust inhibitors, 
defoamers, and pour depressants may be added to improve the characteristics of these lubricants. Friction 
modifiers and extreme pressure additives shall not be used. 
 
API GL-1 lubricants are generally not satisfactory for most passenger car manual transmissions. However, these 
lubricants have been used in some truck and tractor manual transmissions. Lubricants meeting service designation 
API MT-1 are an upgrade in performance over lubricants meeting API GL-1 and are preferred by major commercial 
vehicle manual transmission manufacturers. In all cases, the transmission manufacturer's lubricant quality 
recommendations should be followed. 
 
4.2 API GL-2 
 
The designation API GL-2 denotes lubricants intended for automotive worm-gear axles operating under such 
conditions of load, temperature, and sliding velocities that lubricants satisfactory for API GL-1 service will not 
suffice. Products suited for this type of service contain anti-wear or film-strength improvers specifically designed to 
protect worm gears 
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4.3 API GL-3 
 
The designation API GL-3 denotes lubricants intended for manual transmissions operating under moderate to 
severe conditions and spiral-bevel axles operating under mild to moderate conditions of speed and load. These 
service conditions require a lubricant having load-carrying capacities exceeding those satisfying API GL-1 service 
but below the requirements of lubricants satisfying API GL-4 service. 
 
Gear lubricants designated for API GL-3 service are not intended for axles with hypoid gears. Some transmission 
and axle manufacturers specify engine oils for this service. The manufacturer’s specific lubricant quality 
recommendations should be followed. 
 
4.4 API GL-6  
 
The designation API GL-6 denotes lubricants intended for gears designed with a very high pinion offset. Such 
designs typically require protection from gear scoring in excess of that provided by API GL-5 gear oils. A shift to 
more modest pinion offsets and the obsolescence of original API GL-6 test equipment and procedures have greatly 
reduced the commercial use of API GL-6 gear lubricants. 
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